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ABSTRACT  
  
The presented study proposes a configuration combining the compression and condensation processes in a 
single unit and evaporation and expansion in another separate unit for application in a vapor compression 
heat pump cycle. The cycle includes injection of refrigerant into the compressor at a certain temperature. 
This system makes it possible to match the temperature glide of the heat sink and source and simultaneously 
condense the refrigerant during the compression.  
 
A mathematical model of a complete cycle was made to study the system parameters and performance 
improvement of the cycle. Moreover, thermodynamic models of compression-condensation processes as well 
as a sensitivity analysis were developed to investigate the heat transfer inside the compressor-condenser unit 
and determine the injection conditions which can achieve the desirable requirements in the cycle model. 
Advantages such as eliminating thermodynamic losses associated with the desuperheating of refrigerant, 
reduction of compression work, available hot liquid at the compressor outlet for the district heating system 
and COP closer to the Lorenz COP can be obtained compared to the conventional cycle. The proposed cycle 
reached COP of 4.1 and 59 % Lorenz efficiency for a case related to R717 as working fluid and district 
heating production. 
 
 
Keywords: Heat pump, Combined compressor-condenser unit, refrigerant injection, Mathematical model, 
COP 
 
1. INTRODUCTION  
  
High efficiency and high performance heat pump systems are essential to provide energy efficient heat 
supply in domestic and industrial applications. Different approaches are followed with a view to improving 
system components, such as multi-stage compressors and expanders, and optimizing heat exchangers and 
complete systems. However, technologies such as multi-stage compressors and expanders can significantly 
affect the cost and complexity of these components. Hence, modifications to the basic cycle configuration 
can offer an alternative approach for providing better performance and increasing the competitiveness of 
these components in a broad range of applications. Two technologies, i.e.,  liquid-flooded compression 
processes and liquid/vapor-injection compression processes have been proposed as possible cycle 
modifications in which a remarkable performance improvement compared to conventional vapor 
compression cycle can be achieved. 
 
The basic principle of liquid-flooded compression is adding a large amount of high specific heat fluid to the 
refrigerant flow at the inlet of the compressor. The extra fluid can absorb part of the energy added during the 
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compression process, consequently, reducing the discharge temperature of the refrigerant flow at the outlet 
of the compressor, and accordingly improve the performance of the whole cycle. An increase in cycle 
efficiency of about 5 % to 40 %, depending on the application, compared to a standard vapor compression 
system, when using an oil-flooded scroll compressor for a refrigeration system has been reported in (Bell et 
al., 2011). In addition, improvement of the coefficient of performance (COP) up to 13 %  and 25 % for 
heating compared to the conventional vapor compression cycle has been reported in (Hugenroth et al., 2006) 
and (Ramaraj, 2013) for an oil-flooded scroll compressor respectively. 
 
Alternatively, the liquid/vapor-injection compression is injecting refrigerant into the compressor to 
essentially reduce the discharge temperature, increase capacity, and finally enhance the performance of the 
cycle. Reducing the discharge temperature of the compressor using a liquid refrigerant-injected scroll 
compressor (Park et al., 2002), and reaching higher heating capacity of up to 30 % and higher COP of up to 
20 % using a vapor-injection scroll compressor (Wang et al., 2009) have been reported previously. In 
addition, A COP improvement of nearly 9 % based on the same isentropic efficiency for the heat pump cycle 
combining the liquid-flooded and liquid-injection concepts has been reported by (Luo, 2016). The 
performance of vapor compression heat pumps using liquid-flooded and liquid-injection concepts have been 
compared by (Ramaraj et al., 2012) and concluded an improvement of COP for a vapor-injection cycle of up 
to 3 % and 13 % compared to a flooded compression cycle and the conventional vapor compression cycle. 
Moreover, considering an infinite number of injection ports (continuous injection)  to maintain saturated  
vapor in the compressor can lead to significantly increase COP values of between 18 % and 51 %  depending 
on the application (Mathison et al., 2011). 
 
The present work proposes a heat pump cycle configuration combining compression and condensation in one 
single unit and evaporation and expansion in another separate unit while benefiting from the advantages of 
liquid refrigerant injection into both units at proper time with appropriate temperature glides matches with 
district heating system.  
 
1.1 Cycle Configuration 
A schematic view of the proposed vapor compression heat pump cycle is shown in Fig. 1. The specified 
evaporating temperature fixes the refrigerant properties as saturated vapor at the entrance of the compressor, 
point 1 in Fig. 1. The saturated vapor enters the compressor and is compressed adiabatically prior to injection 
into the compressor, point 2 in Fig. 1. For the rest of the compression processes, the liquid will be injected 
into the compression chamber to liquefy the superheated vapor into a saturated liquid with the required 
temperature and pressure at the outlet of the process, point 3 in Fig. 1. The liquid is injected at temperature 
and pressure which matches the temperature glide of the sink, i.e., a district heating system operating 
between 40 °C and 70 °C. This will provide the possibility of condensing refrigerant during the compression 
process while providing heat for the district heating system by subcooling the saturated liquid from point 3 to 
4 in Fig. 1 and exchanging heat with the district heating system. After exiting the heat exchanger the sub-
cooled liquid is split, into two streams, points 4 and 5 in Fig. 1. The former returns the subcooled liquid as 
compressor injection liquid, while the latter is the actual working fluid flow to the expansion. The subcooled 
liquid at point 5 in Fig. 1 expands adiabatically to point 6 in Fig. 1, before the heated expansion process from 
the lowest injection pressure to a two-phase mixture at the evaporating pressure, point 7 in Fig. 1. Similarly 
to the compressor-condenser unit, the expander and evaporator are also combined in a single unit in which 
the subcooled liquid will be expanded and evaporated simultaneously through injection to point 7 in Fig. 1. 
The two-phase mixture is split into points 8 and 1 in Fig. 1, which closes the cycle by returning the vapor 
phase to the compressor.  The stream corresponds to point 8 in Fig. 1 directs the liquid phase of the 
refrigerant to the heat exchanger in which its pressure is increased, point 9 in Fig. 1, heated up by the heat 
source and returned back to the expander, point 10 in Fig. 1. 
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Figure 1. System configuration for the proposed vapor compression heat pump cycle 
 
The paper is initiated by introducing, modeling and evaluating the performance of the proposed heat pump 
cycle compared to the conventional vapor compression cycle, and is completed by detailed dynamic analysis 
of the compressor-condenser unit that can fulfill the wanted conditions in the proposed cycle. 
 
2. METHODS 
 
2.1 Cycle Analysis 
The performance of the proposed cycle was examined by numerical modeling of a cycle implemented in 
Engineering Equation Solver (EES) (Klein, 2017). The model was based on ammonia (R717) as refrigerant 
and first principles in terms of mass and energy balances for the all control volumes. The following 
assumptions have been used in the model which consists of 2536 equations which is solved in 4 seconds 
simulation time. 
 
 A discretized positive displacement compression type with isentropic efficiency of 80 %  and a 
volumetric efficiency of  100 %, of each segment  
 Working fluid mass flow rate of 1 kg s-1. 
 The inlet and outlet of the heat sink and heat source were 𝑇sink−in, 𝑇sink−out, 𝑇source−in,  𝑇source−out 
which were equal to 40 °C, 70 °C, 10 °C and 6 °C respectively. 
 Temperature difference  Δ𝑇min equal to 2 K between the flows in the balanced heat exchangers.  
 Pressure drop was neglected.  
 Discretized expander with isentropic efficiency of 80 %, of each segment 
 Pumping power was neglected 
 
2.1.1 Compressor-condenser Model The compressor-condenser component was discretized equidistantly in 
temperature  in up to 40 segments. The model assumed mixing to occur before compression. The mass 
balance and the energy balance equations, Eqs. (1) and (2) for the mixing were: 
 
?̇?𝑖+1  = ?̇?𝑖 + ?̇?𝑙,𝑖 (1) 
 
?̇?𝑖+1ℎ𝑚,𝑖+1 = ?̇?𝑖ℎ𝑖+1 + ?̇?𝑙,𝑖ℎ𝑙  (2)  
 
where ?̇?𝑖 is the mass flow rate of the refrigerant at the i
th 
segment of the unit, ?̇?𝑙,𝑖  is the mass flow rate of 
the injected liquid into the i
th
 segment of the compressor-condenser unit, and  ℎ𝑚,𝑖+1 is the specific enthalpy 
of the refrigerant after mixing at the i+1
th 
segment. 
The compression power  ?̇?comwas calculated based on the isentropic efficiency of the stage   
 
𝜂𝑖𝑠,𝑖 =
ℎ𝑖𝑠,𝑖+1−ℎ𝑚,𝑖
ℎ𝑖+1−ℎ𝑚,𝑖
 (3) 
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?̇?𝑖 = ?̇?𝑖(ℎ𝑖+1 − ℎ𝑚,𝑖)   and   ?̇?com =  ∑ ?̇?𝑖   (4) 
 
where  ℎ𝑖𝑠 is the specific enthalpy of the refrigerant assuming isentropic compression and ?̇?com is the total 
compression power. Thermal equilibrium between the two phases was assumed both at the inlet, after liquid 
injection and at the outlet of each segment. Various mixing processes, such as linear enthalpy profile 
(𝑑ℎ 𝑑𝑝⁄ = constant) and linear temperature profile (
𝑑ℎ
𝑑𝑡⁄ = constant ), were evaluated. The former resulted in 
the lowest compression power and was selected for further analysis of the cycle performance. For the 
subcooling from point 3 to 4 in Fig. 1 the amount of heat transferred to increase the temperature from 40 °C 
to 70 °C for district heating application can be calculated from Eq. 5. 
 
?̇?sink = ?̇?𝑙,com−con(ℎ3 − ℎ4) (5) 
 
Where ?̇?𝑙,com−con =  ∑ ?̇?𝑙,𝑖 is the total amount of liquid injected into the compressor-condenser unit. 
 
 
2.1.2 Expander-evaporator Model Similar equations as for the adiabatic compression and cooled 
compression (Eqs. 1-4) were applied for adiabatic expansion and heated expansion to estimate the unknown 
parameters, for power produced, liquid injection and enthalpy. The amount of heat that transferred in the heat 
exchanger to increase its temperature from point 9 to 10 in Fig. 1 can be calculated from Eq. 6 
 
?̇?source = ?̇?𝑙,exp−evp(ℎ10 − ℎ9) (6) 
 
Where ?̇?𝑙,exp−evp =  ∑ ?̇?𝑙,𝑖  is the total amount of liquid injected into the evaporator-expander unit. 
 
2.1.3 Cycle Performance The performance of the complete cycle was evaluated by combining the 
compressor-condenser unit with expander-evaporator model. The coefficients of performance of the cycle 
(𝐂𝐎𝐏) was calculated by 
 
COP =
?̇?sink
?̇?cycle
    and   ?̇?cycle = ∑ ?̇?com − ?̇?evp  (7) 
 
Where ?̇?cycle is the net power consumed. The COP was compared to the coefficients of performance for an 
ideal cycle, the Lorenz COP (COPlor) given by the log mean temperatures between inlet and outlet of heat 
source and heat sink. 
 
COPlor =
𝑇sink,lm
𝑇source,lm
 ;    𝑇sink,lm =
𝑇sink−in−𝑇sink−out
ln(
𝑇sink−in
𝑇sink−out
)
   and  𝑇source,lm =
𝑇source−in−𝑇ssource−out
ln(
𝑇source−in
𝑇source−out
)
   (8) 
 
2.2 Dynamic Modeling of Compressor-condenser Unit 
A thermodynamic model of a single-compression stroke of a reciprocating piston compressor was developed 
to investigate the heat transfer analysis inside the compressor-condenser unit and determine the injection 
conditions which can achieve the desirable requirements in the cycle model. The model was built based on 
the properties of ammonia (R717) using EES. It was based on assuming two separate control volumes inside 
the cylinder, transferring heat between each other. One control volume covered the refrigerant trapped inside 
the compression chamber, while the other covered the liquid refrigerant which was injected into the 
compression chamber during the process. The injected liquid was assumed to be sprayed into the cylinder as 
droplets. The compression chamber was a cylinder made of stainless steel (AISI 316). Inside diameter, and 
the stroke of the piston were 80 mm and 400 mm, respectively. Hence, the total displaced piston volume is 
0.002 m3. All conditions at inlet and outlet, and the properties of refrigerant at the injection moment were the 
same values as the ones assumed in the cycle model. Heat transfer to the environment through the walls was 
neglected based on (Arjomand Kermani and Rokni, 2015). 
 
The thermodynamic model was based on first principles including the dynamic terms due to the change of 
mass and energy content during the compression. The model was used to investigate the development of 
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temperature of the two phases during the compression, e.g., to evaluate the assumption of thermal 
equilibrium. 
 
2.2.1 Mass and Energy Balance The first control volume concerns the working fluid part of the refrigerant 
which is at constant mass. Since the compression will start after the inlet valve is closed, the energy 
conservation of the refrigerant trapped inside the compression chamber was determined from the first law of 
thermodynamics for a closed system as following: 
 
𝑑𝑈
𝑑𝑡
=  
𝛿𝑄
𝛿𝑡
−
𝛿𝑊
𝛿𝑡
  ⇔ 𝑀
𝑑u
𝑑𝑡
= ?̇? + 𝑃
𝑑𝑉
𝑑𝑡
  (9) 
 
where 𝑀 is the total mass of vapor refrigerant entering the compression chamber at the beginning of the 
compression process, 𝑢  is the specific internal energy of the refrigerant during compression, ?̇? is the total 
rate of heat transfer between the refrigerant and injected liquid refrigerant, 𝑃  is the pressure and 𝑉 the 
volume, together determining the total compression power.  
 
The mass and energy balances for an open system were employed for the liquid refrigerant injected into the 
compression chamber: 
 
𝑑𝑀inj
𝑑𝑡
= ∑ ?̇?inj  ⇔ 𝑀inj = ∫ ?̇?inj 𝑑𝑡
𝑡
𝑡inj
 (10) 
 
𝑑𝑈inj
𝑑𝑡
=  
𝛿𝑄
𝛿𝑡
−
𝛿𝑊
𝛿𝑡
+ 
𝑑𝐻inj
𝑑𝑡
  →
𝑑
𝑑𝑡
(𝑀inj𝑢inj) = ?̇? − 𝑝
𝑑𝑉
𝑑𝑡
+
𝑑
𝑑𝑡
?̇?injℎinj (11) 
 
Where ?̇?inj is the mass flow rate of the injected liquid, which was assumed to be constant equal to be 8.2 kg 
s
-1
 (obtained in the cycle model). 𝑀inj is the total mass of injected liquid refrigerant, and  Uinj and Hinj are 
the internal energy and the enthalpy flow of the injected refrigerant entering the compression chamber at 
each time step, respectively. The rate of heat transfer between the refrigerant and injected liquid refrigerant 
was calculated based on (Qin and Loth, 2014)  
 
?̇? = 𝑛𝑑Nu𝐾ref𝜋(𝑇ref − 𝑇inj) (12) 
 
Where 𝑛 is the number of the liquid refrigerant droplets injected into the compression chamber, and 𝑑 is their 
diameter. 𝑇inj  is the uniform temperature of injected liquid refrigerant at each time step during the 
compression procedure, 𝐾ref  and 𝑇ref  are the uniform thermal conductivity (for the gas phase) and 
temperature of refrigerant during the compression procedure and Nu is the Nusselt number calculated based 
on the Ranz-Marshall relationship (Barrow and Pope, 2007; Qin and Loth, 2014). 
 
Nu = 2 + 0.6Re1/2Pr2/3    and   Re =
𝜌𝑣𝐷
𝜇
   (13) 
 
Where Pr is the Prandtl number calculated in EES based on temperature and pressure of  the gas phase of the 
refrigerant inside the compression chamber and  Re is the Reynolds number calculated based on uniform 
density (𝜌) and viscosity (𝜇) of the gas phase of refrigerant inside the compression chamber, the diameter of 
the compression chamber (𝐷), and (𝑣) is the velocity of refrigerant determined by the initial volume flow 
rate of the refrigerant entered the compression chamber divided by the cross sectional area of compression 
chamber. 
 
A sensitivity analysis was done to calculate appropriate ?̇? values for fulfilling the wanted process from the 
cycle model, i.e., to determine the injection conditions such as number and diameter of liquid refrigerant 
droplets injected into the compression chamber based on Eqs. 12 and 13. The model was based on the 
assumption that the liquid injection was initiated at a compression pressure equal to saturation pressure at 42 
°C and neglecting flash evaporation of the injected liquid refrigerant. The two control volumes were kept 
separate by neglecting the mixing of the condensed refrigerant with the injected refrigerant.  
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3. RESULTS  
 
3.1 Cycle Performance 
Fig. 2 shows the pressure-enthalpy (P-h) and temperature-entropy (T-S) diagram of the proposed cycle, the 
numbers shown in the red color corresponds to the points presented in Fig. 1.The performance of the 
proposed cycle is compared with the conventional vapor compression heat pump cycle (shown in green 
color). 
 
 
Figure 2. P-h and T-s diagram for the proposed cycle compared to conventional cycle for R717 
 
As it can be seen from Fig. 2, injection of similar refrigerant at a proper condition can improve the 
performance of the cycle compared to the conventional vapor compression heat pump cycle. The total of 8.2 
kg s
-1
  liquid refrigerant (in an increasing trend, starting from 0.1 kg s
-1
 at point 2 to 1.288 kg s
-1
 at point 3) 
and the total of 0.9 kg s
-1
 liquid refrigerant (in an increasing trend, starting from 0.01 kg s
-1
 at point 6 to 0.04 
kg s
-1
 at point 7 was added to the compressor-condenser and expander-evaporator units, respectively. This 
amount of injected mass flow rate is relatively much greater than the suction mass flow rate. However, this 
can provide several advantages in every single component of the cycle compared to the conventional vapor 
compression heat pump cycle. For the compression process, as it can be seen from Fig. 2, advantages such as 
considerable reduction of discharge temperature (T = 72 °C at point (3), compared to T = 184 °C in the 
conventional cycle), lower temperature gradients inside the compressor, less operational problems with high 
temperature refrigerant and oil at the outlet of compressor. Furthermore, reduction of discharge temperature 
and eliminating the superheat region will provide advantages such as a large two-phase heat transfer region, 
consequently increasing the heat transfer coefficient and reducing temperature differences in the condenser. 
Similar advantages will be obtained in the expander-evaporator unit, and finally, reduction of the 
irreversibilities in each component of the cycle leads to better performance of the whole cycle.  
 
The calculated COP for the presented cycle was equal to 4.1 with the ratio of COP/COPlor  equal to 0.59. The 
obtained values of COP  was 4.03 for the conventional cycle. The improvement of COP  (about 2 %) 
corresponds to a reduction of ?̇?cycle from 358 kW in the conventional cycle to 348 kW in the presented 
configuration, respectively.  
 
The amount of COP improvement can change considerably depending on different parameters such as type of 
refrigerant (Mathison et al., 2011), and inlet and outlet temperatures of heat sink (Mathison et al., 2011) and 
heat source (Mathison et al., 2011; Ramaraj et al., 2012). 
As an example, the COP improvement was 22 % for the inlet temperature of the sink of 30 °C and isentropic 
efficiency of 60 % in both the proposed cycle and conventional cycle. As explained above, the injection of 
liquid refrigerant will basically reduce the discharge temperature of the compressor; correspondingly reduce 
desuperheating losses in the condenser which explains the higher improvement in the cycle performance for 
lower inlet sink temperature and lower isentropic efficiency.  
 
3.2 Dynamic Performance of Compressor-condenser Unit 
Fig. 3 presents the results of the dynamic simulation for the compressor-condenser unit as well as the results 
obtained in the cycle model. The lines illustrated in the left side of P-h diagram, in the liquid region present 
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the changes in the properties of the liquid refrigerant injected into the compression chamber during the 
compression procedure for varying values of the heat transfer rate between the injected refrigerant and 
refrigerant inside the chamber. The red point in this region presents the properties of the injected liquid at the 
injection moment. On the other hand, the lines illustrated in the gas phase and two-phase regions in Fig. 3 
present the changes in the properties of the refrigerant inside the compression chamber during the 
compression procedure, by increasing the heat transfer rate.  
 
 
 
Figure 3. Enthalpy of R717 as function of pressure for different heat transfer rates between working fluid and 
the injected liquid during the compression procedure. The red point corresponds to the injection moment and 
the two red-dot lines correspond to the refrigerant pressure inside the chamber at the injection moment in the 
cycle and dynamic model 
 
Fig. 3 shows that for high values of the heat transfer rate the enthalpy of the injected refrigerant increases at a 
certain pressure and gets closer to the liquid saturated line, while the enthalpy of refrigerant inside the 
compression chamber decreases. For a heat transfer rate equal to 180 kW, the enthalpy of the refrigerant 
inside the compression chamber starts decreasing immediately after the injection moment and reaches the 
results obtained in the cycle model at the end of compression processes, equal to a total of 0.0079 seconds.  
Fig. 3 also illustrates that although the dynamic calculation is done based on similar cycle conditions as 
specified in Fig. 1, the injection moments occur later. This is mainly due to the simplified assumption of 
neglecting flash evaporation inside the compression chamber. Delaying the injection moment will generally 
increase the discharge temperature at point 2 in Fig. 1; corresponding to an increase in adiabatic compression 
work compared to the cycle model. This effect was neglected in the model. 
 
Fig. 4(a-b) presents the changes in the pressure and temperature as a function of compression time assuming 
a heat transfer rate of 180 kW compared to adiabatic compression. Fig. 4(a-b) shows that the injection is 
started after 0.0047 s. From this moment the pressure and temperature corresponding to 180 kW heat transfer 
rate deviates significantly from the adiabatic case.  
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Figure 4. Changes of refrigerant (a) pressure, (b) temperature, and (c) number of droplets× diameter of 
droplets as a function compression time  
 
Fig. 4-a shows that for the case of heat transfer rate equal to 180 kW at 0.0062 seconds – 0.0015 seconds 
after injection moment – there is a discontinuity in the increasing rate of pressure by time. This corresponds 
to the moment that the superheated refrigerant reaches the dew point. Furthermore, the corresponding 
significant reduction of refrigerant temperature at 0.0062 seconds can be seen in Fig. 4-b. This is mainly due 
to considerable heat transfer between the superheated refrigerant inside the compression chamber and the 
injected refrigerant; however this trend changes as soon as the superheated refrigerant enters the two-phase 
region. In the two-phase region, the temperature of the refrigerant slightly increases by increasing the 
compression time due to the increase in the pressure.  Fig. 4-c shows the estimated values for 𝑛𝑑 (number of 
droplets × diameter of droplets) obtained from Eq.13. It can be seen that in agreement with the changes in 
pressure and temperature by time, 𝑛𝑑 also increases considerably 0.0015 seconds after the injection moment; 
however it gradually decreases as soon as reaching the two phase region.  
 
3.3 R134a as working fluid 
Fig. 5 presents the results obtained in the cycle and dynamic models for R134a by varying the heat transfer 
rate from 0 to 8.3 kW. The results obtained in the cycle model show that for R134a the average mass flow 
rate injected into the compressor-condenser unit to reach the condition presented in Fig. 1, is equal to 2.9 kg 
s
-1
,  compared to 8.2 kg s
-1 
for R717, for the same cylinder dimension and hence the suction volume flow 
rate. The heating capacity was in this case ?̇?sink 189.5 kW and ?̇?cycle  was 43 kW reaching a COP and 
Lorenz efficiency of 4.4 and 0.63, respectively.  The cycle results are similar to the performance for R717, 
except for the lower capacity. For the dynamic model the process is considerably different from the results 
for R717. A higher tendency to enter the two-phase region is observed for the working fluid indicating the 
lower superheating of R134a and a relatively faster heat exchange between the phases.  
 
 
Figure 5. Enthalpy of R134a as function of pressure for different heat transfer rates between working fluid 
and the injected liquid during the compression procedure. The red point corresponds to the injection moment 
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and the two red-dot lines correspond to the refrigerant pressure inside the chamber at the injection moment in 
the cycle and dynamic model 
 
4. DISCUSSION 
 
The presented work proposed a new heat pump configuration and analyzed the potential performance 
enhancement that can be achieved compared to the conventional cycle. The performance enhancement 
depends on the choice of working fluid and the heat sink and heat source inlet and outlet temperatures thus 
the assumptions used in the model. 
 
For the shown case of R717, the enhancement improvement is only about 2 % compared to the conventional 
cycle; however the performance can improve up to 20 % by reducing the inlet temperature of the sink to 30 
°C and isentropic efficiency to 60 %. The shown cases are based on the assumptions such as constant 
isentropic efficiency as well as neglecting the pressure drops in the heat exchangers and irreversibilities due 
to the injection. Isentropic efficiency may vary depending on the type of compressor and the cycle conditions 
such as compressor inlet and outlet pressure (Lambers, 2008; Smith, 2005) . For the presented case, no 
definition for the isentropic efficiency of the compressor is available, and if the isentropic efficiency puts 
into relation to values which depend on the cycle performance, different results may obtain. In addition, 
pressure drop in the heat exchanger is neglected. However, it has been shown that increasing of the mas flow 
rate , which also happens in the proposed cycle due to the injection, can increase the pressure drop in the heat 
exchangers (Hsieh and Lin, 2003; Yan et al., 1999), consequently affect the cycle performance.  Also, 
injection of the subcooled liquid into the superheated refrigerant correspondingly mixing procedure may 
cause irreversibilities (London, 1982) which in practice will reduce the obtained Lorenz efficiencies. 
 
The dynamic model has identified the maximum amount of 180 kW and 8.3 kW heat transfer between the 
two phases for R717, and R134a respectively to achieve the desirable requirements in the cycle model. In 
practice, at the injection moment, flash evaporation may occur as the pressure of the injected liquid will 
suddenly drop to the equilibrium pressure inside the chamber (Sher et al., 2008). The effective heat transfer 
during flash evaporation can be desirable. However it can considerably affect the obtained results such as 
reducing the high heat transfer requirement between the two phases at the beginning of injection processes 
correspondingly smooth increasing of an injected mass flow rate instead of constant rate. 
On the other hand, assumptions such as two separate control volumes between the injected liquid and 
working fluid inside the chamber, constant heat transfer rate between all the injected droplets and the 
working fluid from the injection moment up to the end of compression procedure, and finally gas velocity 
equal to piston velocity for calculating Re number, can affect the results. Depending on the relative velocity 
of the piston and droplets, as the piston getting closer to the top dead center, the droplets which have been 
injected at the earliest moments start sitting on the top side of the piston. Moreover, as the piston moves 
upward, the gas velocity might deviate from the piston velocity. Therefore estimating Re number based on 
swirl velocity might give us higher accuracy while leading to lower Re number (Arjomand Kermani and 
Rokni, 2015). Both cases will lead to reduction of the total heat transfer between the two phases, 
consequently increase the injection amount which might be difficult to reach or handle. Validation of the 
model by the experimental result can help in better understanding of the conditions that in practice may 
occur inside the chamber. 
 
5. CONCLUSION 
 
The present work proposes a heat pump cycle configuration combining compression and condensation in one 
single unit and evaporation and expansion in another separate unit while benefiting from the advantages of 
liquid refrigerant injection into both units at proper time to achieve temperature glide that matches the heat 
sink, e.g., a district heating system. The performance of the proposed cycle was examined by numerical 
modeling of the cycle and dynamic analysis of the compressor-condenser unit to point out the injection 
condition that can achieve the conditions suggested by the cycle model. The proposed cycle reached COP of 
4.1 and 59 % Lorenz efficiency for a case related to R717 as working fluid and district heating production. 
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The obtained results show that compared to the conventional vapor compression heat pump cycle, the 
presented configuration has potential for improving the performance of heat pumps. The parametric studies 
show that the performance improvement of the cycle depends on different parameters such as type of 
refrigerant, heat sink and heat source temperature and isentropic efficiency. The model can be used for 
further optimization purposes to identify the applications that can provide the most potential for improved 
performance. 
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NOMENCLATURE 
Abbreviation 
COP      Coefficient of performance  EES    Engineering Equation Solver 
 
Symbols 
𝐷 chamber diameter (m)  
𝑑 droplet diameter (m)  
ℎ specific enthalpy (kJ·kg-1) 
𝐾 thermal conductivity (W·m-1·K-1) 
𝑀 mass (kg)  
?̇?  mass flow rate (kg·s-1)  
Nu Nusselt number (-) 
𝑛 number of droplets (-) 
𝑃 pressure (bar)  
Pr Prandtl number (-) 
?̇?  heat flow rate (kW) 
Re  Reynolds number (-) 
𝑠  specific entropy (kJ·kg-1·K-1) 
𝑇  temperature (°C) 
𝑡 time (s)  
𝑢 specific internal energy ()  
𝑉 chamber volume (m3) 
𝑣  velocity (m·s-1) 
?̇?   work rate (kW)  
   
 
Greek letters 
𝜇 dynamic viscosity (Pa·s)  
𝜌 density (kg·m-3)  
𝜂  efficiency  
𝛥  difference  
 
Sub-&super scripts 
com  compressor  
con  condenser 
evp  evaporator 
exp  expander 
𝑖  ith segment 
inj injection 
is isentropic  
𝑚 mixing  
𝑙 injected liquid refrigerant 
ref refrigerant  
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